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Abstract
The present study is devoted to the determination of the efficiency of air
curtain units (ACUs) applied to heat and moisture insulation of refrigerated
chambers. A detailed study of the fluid dynamics and heat and mass transfer
of the ACU in the refrigerated space and the external ambient is carried out
by means of large eddy simulations (LES). The heat and moisture entrain-
ment through the doorway and their transport inside the inner space are fully
described. Three different configurations are studied: non-recirculating, re-
circulating and twin-jet air curtains. The condensation produced in the cool
walls of the refrigerated space is evaluated considering the warm humid air
from the ambient which penetrates inside the chamber through the doorway.
The influence of both the discharge velocities and the discharge angles on
the sealing capabilities of the three different tested ACU configurations is
determined.
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Nomenclature
Cw turbulence model constant [-]
cp specific heat at constant pressure [J kg
−1 K−1]
Dv diffusivity of water vapour in air [m
2 s−1]
Eff air curtain sealing efficiency [-]
G˙ mass flux rate [kg m−2 s−1]
g gravity acceleration [m s−2]
Lv latent heat of vapourisation [J kg
−1]
Pr Prandtl number, Pr = µ cp/λ [-]
RH Relative humidity [-]
S rate of stress tensor [s−1]
S traceless symmetric part of square of γ [s−2]
Sc Schmidt number, Sc = ν/Dv [-]
u velocity vector with components (u,v,w) [m s−1]
Yv mass fraction of water vapour[-]
x, y, z Cartesian coordinates [m]
Greek symbols
α thermal diffusivity, α = λ/ρ/cp [m
2 s−1]
γ velocity gradient tensor [s−1]
∆ length scale of the filter [m]
∆l characteristic length of the control volume [m]
∆t time step [s]
2
δ unit tensor [-]
θ nozzle discharge angle [◦]
λ thermal conductivity [W m−1 K−1]
µ dynamic viscosity [kg s−1 m−1]
ν kinematic viscosity [m2 s−1]
νe kinematic eddy viscosity [m
2 s−1]
ρ density [kg m−3]
τ Reynolds stress tensor [m2 s−2]
φ filtered variable (φ=u, p, T, Yv,...)
Subscripts
da dry air
δ liquid-gas interface
e effective
g gas phase
t turbulent
v water vapour
ω liquid water
1. Introduction
An air curtain unit (ACU) is a device which produces a plane impinging
jet acting as an ambient separator. The application of ACUs in the refrigera-
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tion and HVAC fields implies the need for determining the efficiency of these
devices to avoid both the heat and moisture entrainment in the protected
spaces. The jet produced by the ACU and its sealing capability strongly
depend on the difference of pressure and/or temperature between the inner
(protected) and outer (ambient) spaces and the wind effect. The efficiency
of ACUs has been studied by several authors since the 60s.
The studies of Hetsroni [1] and Hayes [2] are the first attempts to char-
acterise ACUs by means of simplified models. Later Siren [3] [4] intro-
duced a semi-analytical method which allows a more accurate dimensioning
of these devices. More recently Giraldez et al. [5] proposed an improved
semi-analytical methodology that takes into account deviations in the jet
trajectory that can produce additional losses.
More advanced strategies using CFD (Computational Fluid Dynamics)
techniques have been extensively applied. Foster et al. [6] use a 2D CFD
model to evaluate the effectiveness and optimum jet velocity for a plane jet
air curtain. They studied the importance of the shape of the jet and the
influence on the air curtain effectiveness of the jet velocity and door-open
duration. However, the results of the 2D analysis were not satisfactory and
the necessity of 3D simulations was pointed out. Subsequently, these authors
[7] presented a 3D simulation where the influence of the stack pressures on
the deflection of the lateral ends of the air curtain is analysed.
Different CFD studies have been carried out on open vertical display
cabinets where air curtains separate the protected refrigerated space from
the exterior. D’Agaro et al. [8] showed that secondary vortices at the side
walls provide the most important mechanism for air entrainment. Compar-
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ison with experimental results showed that 3D computations are required
to properly describe the air flow, a 2D simulation being inadequate for such
configurations. Cortella et al. [9] implemented a 2D finite element code based
on the stream function-vorticity formulation, and LES turbulence modelling
for the analysis of air flow and temperature distributions (fully 3D LES mod-
elling was used by the authors in the above mentioned paper [5]). Valkeapa¨a¨
and Siren [10] studied the thermal energy efficiency of ACUs, comparing
both recirculating and non-recirculating installations. They apply the semi-
analytical approach developed by Siren [3] to study an upward blowing ACU.
They found that the upper limit for the tightness of recirculating installations
is about 80%.
Hammond at al. [11] proposed a design guide for cabinet designers based
on experimental work and CFD analysis using a 2D model. Navaz et al. [12]
focused the attention on three important parameters which condition the flow
entrainment in ACUs: turbulence intensity, Reynolds number and velocity
profile at the discharge, and their effect on the development of turbulence
and mixing. Marinetti et al. [13] simulate the 3D isothermal air flow inside
cooling ducts of horizontal open type cabinet. They showed the capability
of the model to predict the main features of the flow field.
None of the above mentioned papers consider the vapor transport from the
humid air. Furthermore, all of them (except the papers already mentioned
by Cortella et al. [9], and the one by the authors [5]) use commercial CFD
codes and standard two equation RANS modelling (in general k-ǫ models).
Turbulence modelling using RANS (Reynolds Averaged Navier Stokes)
approach is based on the time average Navier Stokes equations. As it is well
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known, time averaging generates new unknowns (the turbulent Reynolds
stresses and heat fluxes), which have to be modelled. This is a formidable
task because these terms are highly anisotropic and involve all the scales of
the turbulent flow. A wide variety of models have been proposed the above
mentioned two-equation models being the most popular. The accuracy of
the simulations is very dependent on the turbulence model and the selection
of the most appropriate one for a specific application is crucial. Jaramillo et
al. [14] analysed air curtain devices applied to refrigerated chambers. Their
studies showed that numerical results are strongly dependent on the different
turbulence models tested (algebraic Reynolds stress and linear and non-linear
k-ǫ and k-ω RANS models).
In this sense, LES (Large Eddy Simulation) is a much more powerful
approach. The largest scales of the turbulent flow, which are anisotropic,
unsteady and 3D, are solved in detail while only the smallest scales (the so
called subgrid scales) are modelled. Even though LES is computationally
more demanding than RANS, their simulation capabilities are much higher.
The main objective of this paper is to present an analysis of the efficiency
of vertical downward blowing air curtains applied to refrigerated rooms, con-
sidering both the energy and water vapour entrainment from the external
warm and humid ambient air. The simulation is fully 3D and the LES ap-
proach is applied.
Velocity, pressure and temperature fields are calculated together with
the water vapour concentration, which is transported both by diffusion and
convection through the air curtain, and into the inner or refrigerated space.
Once the moisture enters the refrigerated space, water condensation on the
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cold walls can be produced. Both the thermal energy and vapour entrain-
ment efficiencies of the installation are calculated by comparing the current
entrainments with the ones when the ACU is turned off.
The paper is divided into three main sections. In the first one, the math-
ematical model and numerical methodology are detailed. In the second sec-
tion, computational results are compared with experimental data obtained by
the authors and from published data in the literature. After demonstrating
the capabilities of the simulation procedure, the third section shows a para-
metric study where three different ACU configurations (non-recirculating sin-
gle jet, twin jets and recirculating ACU) are tested under different working
conditions. The optimum discharge velocity and discharge angle for minimiz-
ing the entrainment produced by the temperature and moisture differences
between the inner space (refrigerated room) and the outside (external ambi-
ent) are evaluated.
2. Mathematical formulation and numerical model
The air jet produced by an ACU is fully turbulent. In this section,
its mathematical description based on the filtered three-dimensional Navier-
Stokes equations and using LES turbulence models are described. Important
aspects related to the boundary conditions and the numerical resolution are
also presented.
2.1. Governing equations
Assuming Newtonian incompressible air flow behaviour and constant vis-
cosity, the filtered equations of mass and momentum can be written as fol-
lows:
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∇ · u¯ = 0 (1)
∂u¯
∂t
+∇ (u¯u¯) +
1
ρo
∇p¯− ν∇2u¯−
ρg
ρo
= ∇ · τ (2)
where u¯ and p¯ represent the filtered velocity and pressure fields. The
Boussinesq hypothesis is applied, which assumes constant density everywhere
(ρo is evaluated at reference conditions) except density variations due to tem-
perature changes in the buoyancy term. The right-hand side of the momen-
tum equations stands for the turbulent scales which are smaller than the
mesh size (subgrid scales).
τ = u¯u¯− uu (3)
These subgrid scales have been modelled using an eddy viscosity ap-
proach,
τ =
1
3
τ : δ + 2νeS (4)
S =
1
2
[
∇u¯+∇u¯T
]
(5)
where S¯ is the filtered rate of stress tensor. In this study, the Wall
Adapting Local Eddy viscosity (WALE) model [16] is employed. According
to this model, the expression for the eddy viscosity is given by
νe = (Cw∆)
2
(
S : S
)3/2
(
S : S
)5/2
+
(
S : S
)5/4 (6)
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where ∆ is the length scale of the filter, Cw is the turbulence model
constant (Cw = 0.325), and S is the traceless symmetric part of the square
of the velocity gradient. In tensor notation:
Sij =
1
2
(
γ2ij + γ
2
ji
)
−
1
3
δijγ
2
kk (7)
γ¯ij =
δu¯i
δxj
(8)
The energy equation governs the temperature distribution in the whole
domain:
∂T¯
∂t
+ u¯ · ∇T¯ = ∇ ·
[(
ν
Pr
+
νe
Prt
)
∇T¯
]
(9)
where Pr is the Prandtl number and Prt is the turbulent Prandtl number.
The Prandtl number is a function of species mass fraction. The moisture af-
fects the local Prandtl number due to the variable thermophysical properties
of the air-water mixture, that have been calculated according to Fessler [17].
For the turbulent Prandtl number, the usual value of 0.4 has been taken
[18],[19].
The water vapour concentration in humid air can be described by its
transport equation:
∂Y¯v
∂t
+ u¯ · ∇Y¯v = ∇ ·
[(
ν
Sc
+
νe
Sct
)
∇Y¯v
]
(10)
where Yv is the water vapour concentration, and Sc and Sct are the
Schmidt number and the turbulent Schmidt number, respectively.
For the turbulent Schmidt number a value of 0.4 has been taken based
on the work of Launder [18] and Reynolds [19].
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2.2. Boundary Conditions
In refrigerated chambers two main zones can be defined: the chamber
itself and the external ambient. For the latter, and far from the air curtain,
two situations can be considered: outflow and inflow zones.
At the outflow boundaries the external pressure is imposed, and the gra-
dients in the normal direction of the temperature and vapour concentration
are set to zero. At the inflow zones, fixed values of the different variables are
given (the ones corresponding to these external boundaries).
At the air curtain discharge, the three velocity components are given,
which depend on the ACU, while the temperature and vapour concentration
are prescribed according to their upstream values (the ones at the inlet of
the ACU) calculated from the simulation of the refrigerated space.
Inside the refrigerated chamber, the solid walls can be treated as adiabatic
or isothermal surfaces. In these walls, non-slip conditions have been assumed.
Condensation of the water vapour contained in the humid air can occur on
the cold surfaces if their temperature is below the corresponding dew point
temperature.
Therefore, when the dew point temperature is reached, the wall acts as
a sink for the water vapour concentration. The water film produced by the
condensed water is not considered in the simulation (it is assumed that the
liquid film is completely eliminated from the chamber).
In the case of condensation, the following boundary conditions are given.
At the liquid/humid air interface, the dry air mass flow rate must be zero,
G˙da,δ = 0. Therefore, the total mass transfer (diffusion plus convection) of
water vapour at the interface is
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G˙v,δ = −
ρDv
(1− Yv,δ)
(
∂Yv
∂n
)
δ
(11)
where n represents the normal direction to the wall, Yv,δ is the vapour
mass fraction at the interface (n = δ), and Dv is the diffusion coefficient of
water vapour in air.
Furthermore, Yv,δ corresponds to saturation conditions at the interface.
Finally, continuity of shear stresses and energy fluxes gives:
µl
(
∂vw
∂n
)
δ
= µ
(
∂v
∂n
)
δ
(12)
−λl
(
∂Tw
∂n
)
δ
= −λ
(
∂T
∂n
)
δ
+ LvG˙v,δ (13)
where Lv represents the liquid-vapour latent heat of water, µl and λl are
the dynamic viscosity and thermal conductivity of liquid water, and µ and
λ represent the properties of humid air.
2.3. Numerical model
All the simulations are carried out using the CFD & HT code Ter-
mofluids [20], which is a parallel object-oriented code for solving industrial
flows. In Termofluids, the governing equations are discretized on a collocated
unstructured grid arrangement, and using second-order spectro-consistent
schemes [21]. Such discretization preserves the symmetry properties of the
continuous differential operators, and ensures both stability and conservation
of the global kinetic-energy balance on any grid. For the temporal discretiza-
tion, a two-step linear explicit scheme on a fractional-step method has been
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used for the convective and diffusive terms [22], while for the pressure gradi-
ent term an implicit first-order scheme is employed. For the determination
of the time step the Courant-Friedrichs-Lewy (CFL) condition has been em-
ployed:
∆t = min(∆tconv,∆tvisc,∆tcond,∆tvap) (14)
where,
∆tconv = 0.25
∆l
u
, ∆tvisc = 0.25
∆l2
ν
, ∆tcond = 0.2
∆l2
α
, ∆tvap = 0.1
∆l2
Dv
(15)
where ∆l is a characteristic length of the control volume (cubic root of
its volume).
This methodology has been successfully applied in many flows similar to
the ones presented in ACUs (e.g. turbulent plane jets and flows bluff bodies
with massive separation [23], [24]), and in different cases of natural and
mixed convection in enclosures [25], [26].
3. Comparison of computational results with experimental data
For the simulation of the refrigerating chamber, the model considers the
transport of water vapour from the humid air which enters the protected
space through the doorway. In order to check the capabilities of the math-
ematical model presented in the previous section, three different situations
have been considered:
• Plane air jet with stagnant external ambient conditions.
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• Surface evaporation of water vapour in presence of air on a horizontal
pool.
• Evaporation from a water film on a vertical wall.
The second and third cases have been specifically chosen to analyse the
mass diffusion effect of humid air produced by the water vapour transport
from the liquid surface.
3.1. Case 1: Plane air jet with stagnant external ambient conditions
Before the coupled simulations of moisture and thermal energy entrain-
ment are carried out, the dynamics of the plane air jet produced by an ACU
has been studied both numerically and experimentally.
The experimental setup was described by the authors in [28]. Experi-
mental measurement is carried out following the standard procedure for air
curtains characterization according to ANSI/AMCA [27].
The studies showed the mean core velocity evolution of a plane air jet,
which presents different regions, progressively reducing the maximum veloc-
ity and spreading the air jet in the spanwise direction. This effect diminishes
its capability to act as a separator. It was seen that low discharge velocities
produce weak air jets, which cannot avoid the entrainment of external air.
As an example, Fig.1(a) shows a LES simulation where the typical deflection
and air entrainment produced by external forces acting against the weak air
jet can be seen. In the case of an air curtain with a high discharge velocity
(see Fig.1(b)), the external forces cause a lower deflection and do not break
the jet.
13
(a) (b)
Figure 1: Case 1: Trajectories of air jets produced by an ACU. (a)Air jet which presents
an excessive deflection due to external forces. (b)Air jet which totally seals a refrigerated
chamber.
14
The results already presented by the authors (see [5]) show that the air jet
behaviour predicted by the mathematical models employed here (LES with
WALE model) agrees with the experimental measurements. In that previous
work, the authors carried out experimental measurements at different dis-
tances from the ACU discharge and compared the obtained downstream core
velocity evolution with the results obtained numerically. The experimental
measurements showed some dispersion in every distance. For instance, one
meter downstream of the ACU discharge section the numerical results over-
estimate the mean core velocity with an error of approximately 8 per cent
(see [5]). The mean core velocity determined numerically was found inside
the experimental uncertainty range (between ±1m/s relative to the mean
core velocity).
3.2. Case 2: Surface evaporation of water vapour in presence of air flow over
a horizontal pool
In order to check the accuracy of the mathematical model considering
mass transfer diffusion, the same case proposed by Talukdar et al. [29] is
considered. It consists of a water pool partially evaporating and condensing
with a parallel dry air stream flowing above it. As expected, the initially dry
air stream progressively increases its water mass fraction as it flows through
the domain. The objective of the study is the comparison of the calculated
velocities, temperatures and water vapour concentrations of the air flow with
the experimental data given in [29].
The geometry of the system (see Fig.2) is a horizontal 3D rectangular
duct with a water pan centred on the bottom of the channel. All the other
surfaces of the channel (lateral and top walls) are considered adiabatic.
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Figure 2: Case 2: Scheme of the horizontal pool case.
For the air flow, and according to [29], a fully developed laminar velocity
profile of air is assumed at the entrance with a constant temperature and
relative humidity. The flow is assumed to be steady.
At the bottom wall (y = 0), the water is at rest.
The simulation was carried out using a structured mesh of 250.000 control
volumes. The mesh is progressively concentrated near the solid walls of the
channel and near the water surface in order to accurately capture the higher
gradients in these regions.
Ten different situations are simulated, which present different boundary
conditions at the entrance of the channel (x = 0). Fig.3 shows the values of
temperature and relative humidity of the air flow at the exit section of the
domain (x = L).
In all the situations a good agreement between the experimental measure-
ments and the calculations presented here can be observed. The maximum
discrepancies present an error below 5 per cent.
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Figure 3: Case 2: Air flow film temperature and relative humidity at the duct outlet.
Comparison of numerical results and experimental data (from [29]).
3.3. Case 3: Evaporation from a water film in a vertical wall
In the cool surfaces of a refrigerating space, condensation of the water
vapour can create a liquid film. Once the film is formed, the flow of water is
moving down by the gravity effect. The liquid film is partially evaporated to
the surrounding air. This third case, referred to falling film, describes this
transport phenomena.
Experimental data by Jabrallah et al. [30] have been used to test the
mathematical model. A scheme of the case is shown in Fig.4.
As can be seen, the liquid film falls vertically attached to the wall under
the gravity effect and suffers evaporation which diminishes its total mass
flow.
A comparison of the numerically predicted and experimentally obtained
water film temperature distributions in the horizontal middle section (y=H/2.0)
17
Figure 4: Case 3: Scheme of the falling film on a vertical wall.
(a) (b)
Figure 5: Case 3: Falling film. Comparison of the numerical results and experimental
data (from [30]). (a)Temperature distribution in the horizontal middle section (x, y=H/2,
z=W/2). (b)Temperature distribution along the wall.
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and along the wall are presented. The film temperature, is calculated as the
mean value between the temperature of the wall and the gas-liquid interface
temperature.
The numerical calculations slightly overestimate the temperature in the
central region of the wall (see Fig.5(b)), but discrepancies with experimental
data are lower than 2%. In any of the tested cases, maximum discrepancies
have been lower than 10%.
Even though this physical process is just the opposite in a refrigerating
space (condensation instead of evaporation), the mathematical formulation
is exactly the same and the obtained numerical results in the two previous
validation tests (pool within a rectangular duct [29] and falling film in a
cavity [30]) confirm the capabilities of the mathematical model developed.
4. Numerical study of air curtain in refrigerating spaces under con-
densation conditions
A detailed analysis of air curtains considering both heat and moisture
transport is presented in this section. The heat and moisture entrainment
produced through the doorway are determined for different configurations
and working conditions. The efficiency of the ACU is calculated by com-
parison with the situation where the ACU is turned off. The water vapour
transported and condensed in the refrigerated space is also evaluated.
4.1. Problem definition and mesh generation
Three configurations have been studied: non-recirculating (standard case),
recirculating and twin-jets ACU. The geometry of the physical domain con-
sists of two adjacent spaces, the refrigerated room and the external ambient,
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connected by an opened door of 1.0 m wide and 2.0 m high (see Fig.6(a)).
The ACU is installed on the top of the doorway opening. The discharge air
curtain nozzle, on the lower face of the device, has a width of 6 cm and a
length of 1.0 m, covering the whole door width. In the recirculating config-
uration, the ground has a receptor vent that allows the air flow to return to
the ACU suction by means of ducts which are located inside the walls (see
Fig. 7 and Fig. 8). In the twin-jets configuration, the ACU has two jets of 3
cm wide with a 3 cm separation between them. As a rule, positive discharge
angles are towards the inside of the refrigerated chamber, while the negative
angles are towards the outside.
The size of the external (ambient) space must be large enough to have no
interaction on the air curtain. Different sizes have been tested. Calculations
confirm that the influence of the farthest external (relative to the air curtain)
boundary is negligible.
An unstructured mesh is employed. The mesh has approximately 400,000
control volumes, most of them in the region which covers the air jet (see
Fig.6(b)). A high mesh concentration near the solid walls is employed to
correctly solve the boundary layer.
In order to check the quality of the mesh, three different meshes have been
studied: a coarse mesh of 0.15 million control volumes (MCV), a middle mesh
of 0.40 MCV and a fine mesh of 1 MCV. Results are presented in Fig. 9, where
the water entrainment time evolution is given. As can be seen, the middle
and fine meshes give very similar results, with maximum discrepancies lower
than 2%. Similar results were obtained for the thermal energy entrainment.
Therefore, the middle mesh (0.40 MCV) has been chosen to carry out the
20
(a) (b)
Figure 6: (a) Geometry of the calculation domain and (b) Detail of the computational
mesh in the doorway.
Figure 7: Geometry of the recirculating air curtain.
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Figure 8: Detail of the recirculating ACU: receptor vent.
parametric study.
The region of the computational domain with the highest level of mesh
concentration corresponds to the surroundings of the air curtain discharge,
where the jet potential core region has been discretized with 35 layers of
nodes in the streamwise direction (middle mesh). Regions far from the jet
are not so critical and the mesh can therefore be less concentrated.
Computations have been carried out in a parallel high performance IBQDR
cluster with 2304 cores. When 64 cores are used, the computational time is
about 24 hours for the simulation of 10 seconds of the physical process.
4.2. Initial and boundary conditions
As initial conditions, t=0, the air has been assumed stagnant over the
whole domain. The concentration of water vapour and temperatures are
specified in both inner and outer spaces. For the inner refrigerated space, an
initial temperature of 278 K and a humidity ratio of 0.005 g/kg of dry air
(which corresponds to 90% of relative humidity) are given. The ambient or
22
Figure 9: Comparison between three meshes with different concentrations.
outer space initial temperature and relative humidity are later specified for
the different test cases. All the domain is considered at atmospheric pressure.
As was mentioned in the subsection 2.2, zero velocities are considered at
the solid surfaces in both inner and outer spaces. Regarding the energy equa-
tion, solid surfaces are assumed adiabatic for the outer space and isothermal
in the refrigerated room. The usual adiabatic condition considered by other
authors has been substituted by a constant temperature condition (specifi-
cally, 281 K). This boundary condition allows to consider inertial effects, as
it is detailed in the next subsection. At the ACU discharge section velocity
and inclination angle are given. For the temperature and moisture level at
this discharge, the upstream values, corresponding to the humid air of the
refrigerated chamber at the entrance/suction of the ACU have been taken.
In the case of the recirculating device. the same treatment has been given
for the ACU discharge. The receptor vent placed in the ground has a suction
effect due to the connection with the ACU discharge section.
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Finally, in the walls where condensation is produced an instantaneous
drain of the liquid water is assumed.
4.2.1. Thermal inertia of the walls
Although the walls of a refrigerating chamber have been usually treated
as adiabatic, in this study a fixed temperature is given in order to take into
account their thermal inertia.
To demonstrate this, the unsteady behaviour of typical walls in refrig-
erated chambers has been analysed. The considered wall is 7 cm thick. It
is composed by two thin metallic plates and a thick insulation material be-
tween them. Air is kept at 278 K in the inner space, while the temperature
in the outer space is 298 K. Initially (t=0), the wall temperature distribu-
tion corresponds to the steady-state solution (linear profile). What happens
when the temperature in the inner space changes? Specifically, the effect of a
sudden increase of temperature in inner space (to 298 K) is here considered.
Temperature distribution in the wall along the time is given in Fig.10.
As can be seen, the surface temperature remains near 281 K for more than
a minute. In this period of time, the walls act as an energy sink, due to its
low temperature. If an adiabatic boundary condition is assumed, this energy
sink would not be taken into account.
Therefore, for this study a boundary condition with fixed temperature is
considered more appropriate than the standard adiabatic condition.
4.3. Parametric studies
In this section, three parametric studies are presented. The main charac-
teristics are summarized in Table 1, where the type of ACU (non-recirculating
24
Figure 10: Time evolution of the transversal temperature profile inside the wall.
single jet, twin-jet and recirculating), discharge conditions (velocities and in-
clinations angles), and ambient values (relatve humidity and temperature)
are specified.
In the first study, the thermal energy and moisture entrainment are stud-
ied considering different discharge conditions, but keeping ambient tempera-
ture and humidity. The condensation produced on the walls of the refriger-
ated room is also determined. In the second parametric study, the velocity
and discharge angles have been fixed while humidity and temperature of the
outer space (ambient) are changed. In the third study, non-recirculating
(standard single jet), twin-jet and recirculating ACUs are compared, obtain-
ing their efficiencies in the same scenario (discharge and ambient conditions).
Although experimental data on refrigerated chambers are not available to
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compare the results, the previous validation studies indicate the capability
of the employed model to produce a reliable description.
4.3.1. First parametric study: effect of the ACU discharge velocity and angle
This first parametric study is focused on the thermal energy entering
a refrigerated chamber with a doorway sealed by the ACU. The modified
input parameters are the discharge velocity and the discharge angle. As it is
indicated in Table 1, different discharge velocities and discharge angles have
been tested.
The thermal efficiency of the ACU can be defined as:
EffQ = 1−
Qon
Qoff
(16)
where Qon and Qoff are the thermal energy gains with the air curtain
turned on and turned off, respectively. These energy gains are calculated
integrating the inlet heat fluxes from the initial instant until the steady state
is reached. Similarly, the mass entrainment efficiency can be defined as:
EffM = 1−
Mon
Moff
(17)
whereMon and Moff are the water mass entrainment with the air curtain
turned on and turned off, respectively. Similarly to the energy gains, these
quantities are integrated along the time.
The temperature distribution for the case of 5m/s and 10m/s are shown
in Fig.11(a) and Fig.11(b) respectively.
As can be seen, a higher discharge velocity does not necessarily mean a
higher sealing efficiency of the doorway. The case with the ACU operating
26
(a) (b)
Figure 11: Temperature distribution in the whole domain with two discharge velocities:
(a) 5m/s; (b) 10m/s.
at 10m/s exhibits a refrigerated room with higher temperatures due to the
higher external entrainment (Fig.11(b)). An analogue behaviour has been
observed for the humid concentrations inside the refrigerated room.
The energy and mass entrainments for the different velocities and dis-
charge angles can be seen in Table 2. The corresponding thermal energy and
mass efficiencies are given in Fig.12 and 13 respectively.
As previously mentioned, a higher sealing efficiency is not necessarily ob-
tained with a higher discharge velocity. This is due to the fact that excessive
velocities enhance the mixing between the air in the outer and the air in the
inner space. On the other hand, the lowest velocities will not produce an air
jet strong enough to act as a separator with external forces deflecting it. A
moderate discharge angle towards the outside increases the efficiency because
it reduces that deflection. For this particular configuration, the optimum is
found for the discharge velocity of 5.0 m/s with an angle of −7.5◦ (the minus
sign indicates towards the outer space) (see Fig.12).
The moisture penetrating through the doorway is convected in the refrig-
27
Figure 12: Thermal energy efficiency for each ACU discharge velocity and discharge angle.
Figure 13: Water entrainment efficiency for each ACU discharge velocity and discharge
angle.
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erated space and diffuses to the cold walls. When the temperature of the
wall is lower than the dew point temperature, the phenomenon of surface
condensation occurs. The amount of condensed water per unit area on each
of the surfaces during the first 20.0 seconds is given in Table 3.
As previously mentioned, the different discharge velocities are not equally
effective for different times opening the door. It can be distiguished three
stages. The initial instants when the air has not been accelerated enough by
the stack effect (i.e. the force generated against the jet due to the difference of
temperatures between inside and outside of the refrigerated space) defined the
first stage. The ACU is not reducing the entrainment compared to the ACU
when turned off. Once the air jet is completely developed, it produces the
desired effect insulating the inner space. In the second stage the entrainment
exhibit a pronounced increase because the ACU is not covering the whole
doorway. It can even slightly accelerate the arrival of humid air to the room.
In the third stage, the evolution acquires its steady state, because the inner
space has reached the ambient temperature.
The discharge angle of the ACU has also been modified in order to deter-
mine the required position that produces the higher efficiency of the device.
It can be seen that the best performance is obtained with negative discharge
angles (towards the outside), according to the experience.
If the difference of pressure between the refrigerated chamber and the
outer space increases or other forces (e.g. wind) were applied, higher angles
than the ones indicated here could be required in order to compensate the
deflection of the air jet.
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4.3.2. Second study: Influence of ambient temperature and relative humidity
This section is focused on the effect of the temperature and moisture
differences between the outer space and the refrigerated chamber.
The input parameters are the temperature and moisture at the outer
space, mantaining the refrigerated chamber at 278 K. The discharge velocity
is fixed at 5.0 m/s, and the discharge angle is 0◦.
Fig.14(a) gives the time evolution of the thermal entrainment. It shows
that the thermal entrainment is not highly affected by the variations of the
moisture level in the outer space. This is a logical result, because the stack
effect is due to the difference of density mainly produced by the difference of
temperature between inside and outside.
Fig.14(b) gives the time evolution of the water vapour entrainment. It
shows that the effect of modifying both the levels of moisture and tempera-
ture at the outer space clearly affects the amount of water vapour entering
the refrigerated room, increasing the amount of water penetrating through
the doorway as the temperature difference and/or the humidity difference
increases.
The condensation on the surfaces of the refrigerated room can be seen in
Fig.15 and 16. The effect of a higher temperature of the ambient increases the
amount of condensation in the refrigerated chamber, with a higher amount of
water collected on the walls and on the ground than on the ceiling. The same
effect is observed for the ambient relative humidity. These results indicate
that the ACU is partially preventing the thermal and mass entrainment, but
not totally. As it has been pointed out in the previous section, in these
studies only the stack effect is acting as external force. If any other external
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(a) (b)
Figure 14: Thermal entrainment (a) and mass entrainment (b) considering different am-
bient temperature and relative humidity.
force acts against the air jet, thermal and mass entrainments will increase.
4.3.3. Third parametric study: Comparison of different air curtain configu-
rations
In this final section three different configurations are considered: non-
recirculating single jet, twin-jet and recirculating ACU. The efficiency corre-
sponding to the three different configurations is presented.
The first configuration is the non-recirculating single jet, which is the
reference configuration employed in the previous sections. The second con-
figuration is the non-recirculating twin-jets, which consists of a double jet
with a 3 cm separation between them. The third configuration is the re-
circulating ACU, which is a more complex system. This system has ducts
placed inside the walls to redirect the air jet collected in the receptor vent
(see Fig.8) to the ACU suction/entrance section.
In this study, the discharge angle has been fixed in 0 degrees. The ob-
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Figure 15: Surface condensation on the refrigerated space considering an ambient temper-
atures of 288 K.
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Figure 16: Surface condensation on the refrigerated space considering an ambient temper-
atures of 308 K.
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tained results are summarised in Fig.17. The twin-jets improve the sealing
capability of the ACU compared to the non-recirculating single jet. This is
due to the additional protection that the external jet (the one in contact
with the outer space) gives to the internal one. In this way, the curvature of
the jet is lower than in the single jet. It is worth noticing that, far from the
discharge, the two jets finally merge in a single air stream. This is due to the
deformation of the rectangular jets as they advance: their shapes are pro-
gressively changed from rectangular to circular. Once this state is achieved,
it is observed that the two jets are interacting between them.
At the initial simulation instants, when the air jets are not totally closing
the door, the efficiency of the single and twin-jets is exactly the same (see
Fig.18).
As mentioned above, the higher sealing capability is obtained with the
recirculating system. Even when the installation of the recirculating ACU is
more expensive than the non-recirculating one, the present results pointed
out that this type of installation can produce an overall economic benefit.
The receptor vent has a double effect: it diminishes the mixture of the in-
side/outside air and, moreover, diminishes the curvature of the jet due to the
produced suction effect. This enhance in the jet stability was also pointed
out by Valkeapa¨a¨ and Sire´n [10]. They observed an increase in the ACU
efficiency of 20% for the recirculating installation compared with the non-
recirculating. In the present study an increase of 30-40% has been found.
This discrepancy can be due to the different working conditions. It is worth
mentioning that the receiver vent should be correctly placed and wide enough
to circulate all the air stream of the jet.
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Figure 17: ACU thermal efficiency with different velocities and configurations: single jet,
twin-jet and recirculating ACU.
Figure 18: Temporal evolution of the mass entrainment: comparison between single jet
and twin-jet. Discharge velocity fixed at 5m/s.
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5. Conclusions
CFD calculations using LES modelling for the prediction of air curtain
units (ACUs) efficiencies have been presented. The model considers the effect
of both thermal energy and moisture entrainment through the protected
opening. Furthermore, the influence of the water vapour distribution in the
refrigerated space and possible condensation on the cold walls have also been
taken into account.
The model has been validated by comparing the results with experimental
measurements from the authors and from the literature. Special attention
has been paid to the mass transfer effects.
The influence of the discharge velocities has been studied. Optimum
values have been determined to minimize humidity and thermal energy en-
trainment through the doorway. Different discharge angles have been studied
to determine the position that produces the highest efficiency. It has been ob-
served that low discharge angles towards the outside of the chamber produce
the best performance.
A detailed analysis of the three different configurations selected (single
non-recirculating jet, twin-jets and single recirculating jet) has been carried
out. In the case of twin-jets, a higher efficiency than the single jet config-
uration is observed. However, the highest efficiencies have been observed
with the recirculating devices. The direct air recirculation system provides
a maximum sealing performance of 80% for the optimum discharge velocity.
The main observations about the ACU discharge and configurations could
be summarised as follows:
• Higher discharge velocities do not necessarily imply higher sealing effi-
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ciency.
• A moderate discharge angle towards the outside increases the efficiency
in refrigerated chambers.
• Twin-jets produce a moderate efficiency improvement compared to the
single jet configuration.
• Recirculating air curtains produce a significant increase in the sealing
efficiency compared to non-recirculating configurations.
• Thermal energy and mass entrainment are equally affected by the ACU
discharge velocity and angle.
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Study v[m/s] θ[◦] RHamb[%] Tamb[K] Type
First 2.5 -15.0 90.0 298.0 Single jet
2.5 0.0 90.0 298.0 Single jet
2.5 15.0 90.0 298.0 Single jet
5.0 -15.0 90.0 298.0 Single jet
5.0 -7.5 90.0 298.0 Single jet
5.0 0.0 90.0 298.0 Single jet
5.0 7.5 90.0 298.0 Single jet
5.0 15.0 90.0 298.0 Single jet
10.0 -15.0 90.0 298.0 Single jet
10.0 0.0 90.0 298.0 Single jet
10.0 15.0 90.0 298.0 Single jet
Second 5.0 0.0 50.0 288.0 Single jet
5.0 0.0 70.0 288.0 Single jet
5.0 0.0 90.0 288.0 Single jet
5.0 0.0 50.0 308.0 Single jet
5.0 0.0 70.0 308.0 Single jet
5.0 0.0 90.0 308.0 Single jet
Third 5.0 0.0 90.0 298.0 Single jet
5.0 0.0 90.0 298.0 Twin-jet
5.0 0.0 90.0 298.0 Recirculating
Table 1: Parametric studies conditions.
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v[m/s] θ[◦] Heat[kJ ] Mass[kg]
0.0 - 114 0.083
2.5 -15.0 77.52 0.045
2.5 0.0 66.12 0.041
2.5 15.0 61.56 0.037
5.0 -15.0 71.82 0.039
5.0 -7.5 66.12 0.037
5.0 0.0 62.7 0.035
5.0 7.5 57 0.029
5.0 15.0 59.28 0.031
10.0 -15.0 96.9 0.052
10.0 0.0 85.5 0.046
10.0 15.0 74.1 0.040
Table 2: Heat and mass entrainment considering different discharge angles and discharge
velocities.
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v[m/s] θ[◦] Mass water/surface (kg/m2)
- - Ceiling Walls Ground
2.5 -15.0 0.0875 0.100 0.05
2.5 0.0 0.099 0.112 0.041
2.5 15.0 0.12 0.101 0.028
5.0 -15.0 0.055 0.058 0.043
5.0 -7.5 0.054 0.062 0.045
5.0 0.0 0.063 0.086 0.053
5.0 7.5 0.0676 0.085 0.047
5.0 15.0 0.058 0.082 0.043
7.5 -15.0 0.059 0.057 0.032
7.5 0.0 0.085 0.092 0.062
7.5 15.0 0.095 0.063 0.058
Table 3: Condensation on the different surfaces of the refrigerated chamber with different
discharge angles.
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